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Abstract: In this paper, heat transfer and pressure drop at different transverse serrated and solid finned-tubes 
were investigated in cross-flow with aim of optimizing heat exchanger performance. Three different finned-tube 
shapes were investigated. The I-shaped and U-shaped fin geometries under consideration have varying 
geometrical constants, i.e. fin height, fin pitch, fin thickness, and fin width. The heat exchanger consists of eight 
consecutive finned-tube rows and eleven tubes on top of each other. The finned tubes are arranged in a 
staggered formation at equal transverse and longitudinal pitch. The experimental setup, measurement technique 
and measurement uncertainties are presented. The design of an optimum heat exchanger must take into account 
the advantages and disadvantages of geometrical factors which influence heat transfer and pressure drop. After 
measurement validation, the derived correlations for the Nusselt number and the pressure drop coefficient were 
compared with experimental results and equations from literature. The difference between solid and serrated 
finned tubes is shown with the help of equations for a special configuration from literature. Additionally, a 
performance evaluation criterion for single-phase flows, developed by Webb [14], was carried out for the three 
different serrated and solid fin geometries. To evaluate the uncertainty of pressure drop measurement, the 
analogy to the “generalized Lévêque equation” cited in Martin and Gnielinski [13] was used.  
 
Key-Words: Finned tube, Heat transfer, Pressure drop, Serrated fin, Solid fin, Performance evaluation criterion, 
Experimental setup, Lévêque Analogy, Turbulent flow, Helical finned tubes 

 
1 Introduction 
The reduction of primary energy sources is claimed 
to improve the efficiency of heat exchangers. This is 
also a contribution to the reduction of CO2 
production. Whenever gas/water heat exchangers 
are used, the heat transfer coefficient α0 on the air 
side of air/water tube heat exchangers, e.g. steam 
boilers or heat recovery boilers, is inherently lower 
than the heat transfer coefficient on the inside of the 
water tubes. Finned tubes are applied to enhance 
heat transfer. There are many possibilities for 
improving heat transfer on the air side. On the one 
hand, the heat-transferring surface can be enlarged 
by an arrangement of annular fins or other elements. 
This increase of total tube surface allows transfer of 
a greater amount of heat from hot gas, but the 
demand for smaller installation sizes requires 
smaller fin pitch with larger fin height. On the other 
hand, finned tubes with segmented fins show 
somewhat higher turbulence than those with smooth 
fins since the boundary layer has to be established at 
each individual segment [8]. Staggered arrangement 
of the tubes in the bundle also increases turbulence. 
A higher pressure drop is caused by resistance in the 
flow channel and turbulence. Optimizing a finned-

tube heat exchanger also results in minimizing the 
pumping power. Experimental investigations at 
solid and serrated finned-tubes have been studied 
extensively by [2], [6], [7], [9], [10], [11], [27], [28], 
[29], and [31]. Taborek [1] and Frasz [6] compared 
the varying influences of solid and segmented fins, 
while Weierman [3] investigated the performance of 
in-line and staggered tube arrangement of 
segmented finned tubes. Weierman and Taborek 
found that in-line arrangement should only be used 
for special cases because of the disadvantage of 
possible bypass flow between the tube bundles. On 
the other hand, staggered arrangement of tubes in 
the flow channel can cause a higher pressure drop. 
Bell and Kegler [30] analyzed mathematically the 
effect of bypassing in heat exchangers for a specific 
thermal performance. Genic [18] investigated 
experimentally the pressure drop of in-line and 
staggered arrangements and compared these 
correlations with the literature. Rabas and Eckels 
[19] investigated seven different segmented finned-
tube bundle arrangements. They ascertained that, 
compared to solid fins, the fin height of segmented 
fins can be greater than the maximum fin height 
because such fins are easier to laser-weld. This 
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would increase the total outside surface area and as 
a result the efficiency of the heat exchanger. Briggs 
and Young investigated several finned-tube 
configurations. The given heat transfer correlation is 
based on tubes varying widely with respect to fin 
height, fin thickness, fin spacing and root diameters 
[28]. These equations can be used for predicting six-
row deep tube banks with solid fins. Ward and 
Young developed heat transfer and pressure drop 
correlations for plain finned tubes with triangular 
pitch. They compared their pressure drop data with a 
correlation from literature [29]. Breber [31] presents 
a review and evaluation of heat transfer and pressure 
drop predictive method for tube bundles with stud 
fins. 

Geometrical effects e.g. row effects on heat 
transfer and pressure drop have been observed in 
literature. In addition, correction factors have been 
introduced and a relationship between heat transfer 
and pressure drop, depending on the tube row 
number, established. The influence on heat transfer 
of the number of tube rows, arranged consecutively, 
was investigated in [27]. Necula, Nineta, and Darie 
[25] experimentally studied the influence of rows in 
cross-flow heat exchangers. They compared their 
results with theoretical correlations. All 
measurements were performed in the Reynolds 
range between 10000 and 30000.  

Numerous correlations for the prediction of heat 
transfer of serrated fin tubes have been derived by 
[5], [7] and [15], whereas Nir´s [5] correlations are 
based on a large amount of heat-transfer and 
pressure-drop data. Kawaguchi [7] specifies an 
accuracy level of ±5% for the equations used to 
predict the Nusselt number and the friction factor. 
Weierman´s [2] correlations for heat transfer in a 
staggered layout show an expected accuracy of 
±10%; and for the pressure-drop equations an 
accuracy level of ±15% is achieved.   

Heat transfer and pressure drop equations are 
functions of the geometrical parameters i.e. fin 
height, fin pitch, fin thickness, fin width, fluid 
properties, variables of state etc. In order to 
calculate the overall heat transfer of a finned tube, 
according to the laws of heat conduction and heat 
convection the fin efficiency, as a reduction 
coefficient, has to be considered. Hashizume et al. 
[12] calculated the fin efficiency of serrated fins 
using an analytical model, with the assumption of a 
heat transfer coefficient uniformly distributed over 
the fin surface and the segmented section, as well as 
a second equation for theoretical fin efficiency. 
Spine-fin efficiency with a variable cross-sectional 
area was calculated in [24] and [26] analytically 
using Bessel functions in a closed form equation. 

Fin efficiency has been developed for a steady-state 
energy balance and specified fin-tip conditions. 
Kearney and Jacobi [4] investigated experimentally 
local heat transfer behaviour in staggered and in-line 
arrangements with the help of optical adaptation of 
the naphthalene sublimation technique in order to 
evaluate the analytical fin efficiency.  

In Webb [20], an excellent overview of plate fin 
and circular finned tube studies is presented. Factors 
such as fin spacing, fin efficiency and fin 
configuration yield enhanced heat transfer. Yet one 
finned-tube heat exchanger study claims to 
maximize the heat transfer rate while 
simultaneously minimizing pumping power. Webb 
[14] as well as Stephan and Mitrović [16] developed 
criteria for the evaluation of the performance of a 
heat exchanger in order to quantify the heat output 
capacity while considering the pumping power.  

In the present paper the performance of various 
finned tubes in forced convection was evaluated. 
Three types of finned tubes were investigated where 
the fin height varies most. The influence of 
geometry on heat transfer and pressure drop 
properties was compared for solid and serrated I-
shaped fins and serrated U-shaped fins. In particular, 
the influence of fin height was considered. In 
addition, the analogy to the “generalized Lévêque 
equation” for heat transfer correlations was applied. 
 
 
2 Experimental Setup 
 
2.1 Test facility 

A test rig for heat transfer and pressure-drop 
measurements on finned-tube bundles in cross-flow 
is in operation at the laboratory of the Institute for 
Thermodynamics and Energy Conversion at the 
Vienna University of Technology. This test facility 
allows measurement at Reynolds numbers in the 
range between 4500 and 35000 and flue gas mass-
flow from 0.6 to 4.5 kg/s; the layout is shown in 
Figure 1. The finned-tube bundle is admitted with 
hot gas of up to 400°C which is generated by 
combustion of natural gas. Air intake is performed 
using a Venturi nozzle and a smaller ISA 1932 inlet 
nozzle for low Re numbers, which are also used for 
mass flow measurement of combustion air. Both 
systems were pre-calibrated before application. 

Following a connecting section with a bend, a 
variable incidence entry vane is mounted in front of 
the radial fan for mass flow regulation of the air. 
The radial fan can produce a maximum pressure of 
5000 Pa and generates 45000 Nm³/h at 3500 Pa. The 
air flows through a three-meter conical connecting 
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piece to the burner. The burner is designed as a duct 
burner, drawing its combustion air partly from the 
process air through ductings. Maximum burner 
power is 1160 kW. Downstream from the burner is a 
tube with a diameter of 600 mm, in which a static 
mixer application is installed.  
 

 
 

Fig.1: Layout and design of the test facility 
 

After two 90° bends there is an additional mixer 
application, followed by a transition piece to a 
rectangular cross-section, 500 mm in width and 
1000 mm in height, containing a flow rectifier 
consisting of three fine-wire meshes in close 
arrangement. After the flow rectifier, which rectifies 
the vortices caused by mixers and redirecting pipes, 
a 2000 mm inlet channel follows, which serves to 
calm the fully developed turbulent flow. The finned-
tube heat exchanger with a tube length of approx. 
500 mm is built into a 1500 mm channel section. 
Downstream from this testing channel, the flue gas 
is conducted into a steel tube stack. The finned-tube 
heat exchanger consists of a rectangular sheet-steel 
channel in which the finned tubes are arranged 
horizontally with a given transversal and 
longitudinal pitch. The free channel width is fixed at 
500 mm.  

All connecting pipes are arranged at the outside 
of the channel. This is the only arrangement 
allowing exact measurement of heat transfer at the 
small test section width of the tube banks. 
Measurements are thus not influenced by bypass 
flow through the space for the bends.  

The volume flow of water is constant with 
VW=14.1 m³/h at pW=2.7 bar and a velocity of 
wW=0.5 m/s. The tube bundle consists of 88 tubes 
which are arranged in 8 consecutive columns 
consisting of 11 horizontal tubes each. An even 
cooling water flow distribution in the tubes is 
achieved by orifices after the inlet collector. The hot 
parts of the test facility are insulated using mineral 
wool, glass wool and aluminum foil to prevent heat 
loss. For more details see [8]. 
 
2.2 Measurement procedure 

The experimental investigation requires a 
number of measurements to be taken simultaneously 
in order to evaluate and determine the amount of 
transferred heat as well as gas-side pressure drop. A 
diagram of the measurement application is presented 
in Figure 2. The temperatures on the water side are 
measured for every coiled tube at the inlet and at the 
outlet using Pt-100 RTDs (resistance temperature 
detectors) so that fringe effects can be ascertained 
for the outside tubes and considered in the 
evaluation.  
 

 
 

Fig.2: Measurement application 
 

Gas temperatures are measured using NiCr-Ni 
thermocouples. In order not to significantly affect 
the flow pattern, the diameter of these 
thermocouples was chosen to be only 1.5 mm. Four 
thermocouples are arranged and mounted in front of 
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and behind the heating surface of the heat exchanger 
to obtain a grid measurement. Three NiCr-Ni 
thermocouples measure the air temperature at the 
Venturi nozzle and after the fan as well as the gas 
temperature after the burner. The mass flow of 
water is measured using a calibrated hot water meter 
with an electronic sensor. 

The mass flow of air is measured by determining 
the pressure difference at the Venturi nozzle in front 
of the inlet collector using two different sensors: a 
Honeywell micro-switch series 160 (±0.25% Full 
scale (FS)) and a Furness Controls micro-
manometer. The air humidity is measured by means 
of an electronic humidity sensor. The barometric 
pressure is measured using a Honeywell HPB digital 
precision barometer with an accuracy of ±0.4 hPa 
FS. The static pressure differences at the air side of 
the finned-tube bundle are measured at four inlets in 
front of and behind the heating surface of the heat 
exchanger to obtain a grid measurement using a 
Honeywell PPT digital precision pressure transducer 
with an accuracy of ±0.05% FS. 

The total pressure difference at the centre of the 
combustion channel is measured using a United 
Sensor pitot-static pressure probe. The absolute 
pressure in the combustion channel is measured 
using a Honeywell micro-switch series 160 (±0.25% 
FS). All measurement systems were pre-calibrated 
before application. The measured values are 
transmitted to the process computer using 
measurement value periphery by National 
Instruments and the LabView 7E program system.  
 
2.3 Measurement uncertainties 

The heat transfer coefficient at the inner side of 
the tube is calculated by knowing all data on the 
water side. The mass flow of water is constant but 
with a given uncertainty. Using the logarithmic 
mean temperature difference and the fluid 
properties, the heat transfer coefficient on the gas 
side can be calculated. Upon applying the law of 
error propagation by Gauss to the mass flow 
measurement of air, the measurement uncertainties 
calculate as follows: the results show a 
disproportionate increase at low Re numbers (Re < 
14000). The average error of the mass flow 
measurement of air is about ±3-5%. At Re = 10000 
the uncertainty is about ±10%, and for Re < 7000 
about ±15% (see Figure 3). Thus, at low Re 
numbers an ISA 1932 inlet nozzle was applied with 
almost linear measurement uncertainty distribution 
resulting. In addition, at low Re numbers while 
using the Venturi nozzle a micro-manometer (meter 
scale ±19.99 mm H2O) was applied to reduce 
measurement uncertainties. 

 
 

Fig.3: Uncertainties of mass flow measurement 
 
 
3 Analyzed finned tubes 
 

Three different finned-tube geometries have been 
tested and analyzed in order to characterize the 
influence on heat transfer and pressure drop and 
thus to optimize heat-exchanger geometry. The 
tubes tested, with solid and serrated I-shaped and 
serrated U-shaped fin geometry, are specified in 
Table 1.  

 
Table 1: Specifications of finned tubes 

Fin Geometry I-shaped, 
solid 

I-shaped, 
serrated 

U-shaped, 
serrated 

Bare tube 
diameter 

38.0 mm 38.0 mm 38.0 mm 

Tube thickness 2.6 mm 4 mm 3.2 mm 
Number of fins 
per m 

276 276 295 

Average fin 
height 

15 mm 15.5 mm 20.0 mm 

Average fin 
thickness 

1.0 mm 1.0 mm 0.8 mm 

Average tube 
length 

500 mm 500 mm 495 mm 

Average segment 
width 

- 4.5 mm 4.3 mm 

Number of tubes 
in the direction of 
flow 

8 8 8 

Number of tubes 
per row 

11 11 11 

Longitudinal tube 
pitch 

79 mm 79 mm 79 mm 

Transversal tube 
pitch 

85 mm 85 mm 85 mm 

Total outside 
surface area of the 
bundle 

67.06 m² 64.05 m² 84.48 m² 

Fin material St 4 St 37.2 DC01 
Tube material St 35.8 St 35.8 St 35.8 
Net free area of 
tube row 

0.234  m² 0.2326 m² 0.2292 m² 
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All investigated tube banks have the same 
transversal and the same longitudinal pitch. The net 
free area in a tube row is almost equal for the 
various investigated geometries. The geometrical fin 
height constant varies the most (I-shaped fin 15 mm 
and U-shaped fin 20 mm). Thus the total outside 
surface area of the U-shaped finned tube is larger 
than that of the I-shaped fin tubes. 
 

 
 

 
Fig.4: Experimental tube with U-fins 

  
The main advantages of the segmented U-shaped 

fin geometry (Figure 4) are larger contact area 
between fin and tube (heat conduction) and the 
possibility of closer fin spacing, which allows a 
larger total outside surface area at equal fin height of 
the bundle. Thus, an equally small or smaller 
installation size of the heat exchanger can be 
achieved. Figure 5 shows the different fin types and 
the differences in contact area. 
 
 

 
 

Fig 5: Contact area of I-shaped and U-shaped finned 
tubes 

 
 
4 Data reduction and interpretation 
 
4.1 Governing heat transfer equations 

The heat transfer rate of water is determined 
directly by 

 
)hh(mQ

12 www −= && .                        (1) 
 
The heat transfer rate of the combustion gas is 
defined by 
 

)TT(cmQ
2g g1gpg −= && .                        (2) 

 
Heat conduction through the tube wall is known as 
 

lntot TkAQ Δ=& ,                             (3) 
 
where k is the heat transfer coefficient of 
conduction, Atot the total outside surface area of the 
bundle and ΔTln the logarithmic mean temperature 
difference between input and output of the heat 
exchanger: 
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In the current study, the LMTD is calculated 

using the equation for counter-flow heat exchangers. 
For a large number of consecutive tube rows, the 
difference between counter-flow and counter cross-
flow in the formula for calculating the logarithmic 
mean temperature difference is small and may thus 
be neglected. 

For calculating the heat transfer of a finned tube, 
convection and heat conduction have to be 
considered. A reduction coefficient termed “fin 
efficiency” is therefore introduced, by which the 
actual heat transfer coefficient is multiplied in order 
to obtain the apparent heat transfer coefficient. Fin 
efficiency is calculated according to the laws of heat 
conduction under the assumption that the actual heat 
transfer coefficient is uniformly distributed across 
the fin surface [8]. The apparent heat transfer 
coefficient is 

 

i

a

r

a
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a
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Fin efficiency is calculated according to [23]. ηr1 

is the fin efficiency for the radian part including the 
segment. ηr2 is the fin efficiency for the radian part 
without the segment (see Figure 3); from knowing 
the reduced fin height hred it follows that 
 

U-shaped fins bare tube
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The parameters m1 and m2 are defined as follows: 
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where λri is the thermal conductivity of the fin and bs 
the segment width. The reduced fin height is 
calculated according to the method of T. E. Schmidt 
[23], [6], and [8] separately for the radian part with 
and without the segment. In this case hred and hred2 
are defined as follows: 
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If equations (8) and (9) are applied to (6) and (7) 

with (10) and (11), overall fin efficiency ηr 
calculates as follows 
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With the help of fin efficiency, the current 

(external) heat transfer coefficient at the surface is 
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A
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α
=α .                          (13) 

 
The dimensionless number Nu0 with a 

characteristic dimension adl =′  at the medium gas 
temperature is calculated using the established 
equation 
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0
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λ
α
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By taking into account an average mean 
boundary-layer temperature 

 

2
TT

T gmwall
b

+
= ,                          (15) 

 
the Nusselt number is defined as: 
 

b
0b NuNu
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4.2 Governing pressure drop equations 

The total pressure drop of the channel with 
inserts (tube bundle) is calculated using the 
following equation 

2
w
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2
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R
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ξ=Δ ,                          (17) 

 
where ρgm and is the arithmetic mean density and wE 
the velocity in the net free area of a row. 
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The pressure drop coefficients of the channel 

were correlated using the Konakov [17] equation 
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The properties for the physical quantities are 

based on the arithmetic mean temperature of hot gas 
between inlet and outlet. By considering the 
pressure variation as a result of the temperature 
change over the bundle, the pressure drop 
coefficient for the serrated tube bundle is calculated 
as 
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The average pressure drop coefficient for a 
single tube row is 

8
R8

R1
ξ

=ξ .                            (21) 

 
4.3 Measurement validation 

The measurement uncertainties for the applied 
system are well known and have been specified. 
Each heat transfer measurement series is performed 
to attempt high accuracy. To obtain precise heat 
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transfer correlations, each calculated point was 
validated after measurement. The data validation 
model introduced by J. Tenner, P. Klaus and E. 
Schulze [21] was therefore applied. This curve-
fitting technique utilizes equations for mass 
balances and energy balances as well as 
measurement value equations. The basic concept of 
the validation is to use all measurement values with 
their variances and co-variances to fulfil all side 
conditions. This criterion is developed as follows 
[21]: 

The energy balance (1) and (2) is known and its 
conditions must be met. If we choose 6 
measurement values for the variables mw, mg, Tw1, 
Tw2, Tg1, and Tg2, in these equations we obtain 

 
)MM(cMQ 32p1 w

−=&                        (22) 
and 

 )MM(cMQ 65p4 g
−=& .                      (23) 

 
The real measurement values with their 

uncertainties  
 

M = (M1, M2, M3, …)                    (24) 
 
do not satisfy the side conditions. For this reason all 
of the measurement values are supplementedwith 
correction factors. Thus we obtain the following: 
 

υ+= MV .                            (25) 
 

The correction factors υ are determined in such a 
way that equation (26) reaches a minimum and the 
side condition (27) is equal to zero. 
 

∑ →υυ=υ − MinM)(G 1T                  (26) 
 

( ) 0Vh =                             (27) 
 

Equation (26) is the fitting function, with the 
inverse matrix for the co-variance. After combining 
equation (26) and (27) and using the Lagrange 
multiplicator 
 

  ( )621 ,........,, λλλ=λ ,                    (28) 
 
we obtain 
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All measurement values are independent and the 
matrix of the co-variances according to [21], [22] is    
                    

  

2
M

2
M

2
M

6

1i
i

6

2

1

..
M

σ

σ
σ

=∑
=

.                    (30) 

 
After using the inverse co-variance matrix  
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for equation (29), it follows that 
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The solution of equation (32) is known as 

calculus of variations with side conditions according 
to Gauss. A system of equations for 7 variables is 
obtained. The solutions to this system are the 6 
validated measurement values and the Lagrange 
multiplicator. For more details see [21] and [22]. 
After applying this condition, all measurement 
values can be developed into correlations for the 
prediction of the Nusselt number.  
 
 
5 Comparison with other studies 
 
5.1 Heat transfer correlations 

Following dimensional analysis, the power law 
for the heat transfer correlation was developed. 
 

nm PrReKNu =                    (33) 
 

The objective function of Nusselt is defined as 
 

Pr)(Re,fNu = .                    (34) 
 

As known from the power law, the correlation of 
Escoa for external heat transfer at finned tubes with 
serrated fins in staggered arrangement of tubes is 
defined as 
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For the definition of C3, C3sol, and C5 see the 
literature in [2] and [15]. In case of solid finned 
tubes, C3sol is applied in the place of C3 for the 
calculation.  

For the determination of external heat transfer, 
some correlations in the literature exist for solid or 
serrated finned tubes. Equations only for finned 
tubes with serrated and solid fins were developed by 
e.g. Escoa (Extended Surface Corporation of 
America) as well as by Nir [5]. The limitations of 
each of these functions (C3, C3sol, and, C5) can be 
found in [2] and [15]. Figure 6 shows the 
dimensionless heat transfer coefficient for a 
representative number of measured points in the Re-
range of eight serrated and solid finned-tube rows in 
staggered arrangement. The heat transfer coefficient 
of the serrated I-shaped finned tube is somewhat 
greater than that for the U-shaped finned tube.  
 

 
 
Fig.6: Heat transfer at 8 tube rows, Pr=0.71, serrated 

and solid tubes, d=38 mm 
 

The curves for the serrated U-shaped and the I-
shaped finned tubes show approximately the same 
gradient. The exponents for the Nusselt correlations 
vary from 0.53 to 0.65.  

This variation could be caused by the pressure 
difference measurement uncertainty of the mass 
flow of air at low Re numbers and the temperature 
measurement uncertainty. Overall heat transfer of 
the solid finned tubes is inherently less. This is due 
to the effect of lower turbulences between the tubes. 
All I-shaped finned tubes have almost the same fin 
height and the same transversal and longitudinal 
pitch. Thus, there is no effect of a greater overall 

heat transfer caused by the larger surface. Figure 7 
presents the comparison of the measured results 
with literature. 

 

 
 

Fig.7: Comparison of heat transfer at 8 tube rows 
with literature, Pr=0.71, d=38 mm 

 
As the comparison shows, fin segmentation 

intrinsically increases heat transfer. The measured 
results for the solid finned tubes show better 
agreement with the correlation in literature.  

The equations of Weierman [2] and [15] have a 
measurement uncertainty of about ±10 % for 
staggered layout. Thus, our results concur well with 
the literature. 

Since in (35) 
 

)t,t,s,t,h,d,,Pr,(Re,fNu lqasgm ϑϑ=         (36) 
 

and heat conduction through the tube and the fin 
varies for the two geometries, the formula for the 
Nusselt number has to be modified to reflect the 
same conditions. This objective function depends on 
parameters such as dimensionless groups, 
temperatures and geometry.  

C5 does not change in value due to equal 
transversal and longitudinal pitch. Each point in the 
diagram is obtained at different temperatures. For 
further calculations, a new average reference 
temperature for gas and fin has to be set. The 
Nusselt number then becomes 
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C3 and C3sol are functions with the negative factor 
h/(t-s) in the exponent. The influence of the factor 
h/(t-s) on heat transfer is of interest. Its exact 
definition is given in [2] and [15].  

A comparison among serrated fins reveals the 
following: if equation (37) is applied to the left side 
of (35), the factor h/(t-s) calculates to 8.75 for U-
shaped fins and to 5.31 for I-shaped fins. C3 directly 
influences heat transfer. If the exponent h/(t-s) is 
decreased, C3 increases and overall heat transfer 
rises to 6.5%.  

Figure 8 shows the relative deviation of our 
measured values for Nu from the Escoa correlations 
for the tested geometries (marked with ∆ and □). 
The points marked with ◊ in Figure 8 represent 
values for the relative deviation of the compared 
Nusselt numbers for U- and I-fin geometry with 
average reference temperatures. All points marked 
with ○ in Figure 8 represent values for the relative 
deviation of the compared Nusselt numbers for U-
shaped and I-shaped fin geometry with exact 
measurement temperatures. All Nu correlations are 
calculated at constant Pr values. The Pr value 
represents the thermo-physical properties. In the 
case of air as heat transfer medium, the thermal 
boundary layer is thicker than the boundary layer 
with fluid flow. The variation of Pr under test 
conditions is small and can therefore be neglected in 
further calculation. 
 

 
 

Fig.8: Relative deviation of correlations 
 

As expected, the heat transfer coefficient 
declines with increasing fin height and fin pitch. 
Specifically, in view of Weiermans correlations, fin 
height does not very strongly influence overall heat 
transfer [8]. Yet with increasing fin height, the total 
external heating surface also increases. There could 
be a gain from the heating surface as h is increased. 
The volumetric heat capacity of a heat exchanger 

with a U-shaped finned-tube bundle of the same 
longitudinal and transversal pitch, same number of 
tubes, smaller fin pitch and greater fin height is 
better than that of an I-shaped finned-tube bundle of 
the same installation size but with greater fin pitch 
(number of fins per meter).  

The literature study shows an enhanced effect on 
heat transfer with variation of the fin height (see 
[8]). Most of the formulas included there have been 
developed for solid finned tubes. A comparison 
shows similar characteristics, as seen in [8]. The 
maximum fin height and the minimum fin pitch 
result from limitations, such as the need to avoid 
fouling, posed in finned-tube production by the kind 
of fuel used (liquid, solid or gaseous). In D.R. Reid 
and J. Taborek [1], recommended fin densities in 
relation to fuel type are presented. 
 
5.1 Comparison of solid and serrated I-
shaped finned tubes 

Using the exponent h/(t-s), a comparison 
between almost equal serrated and solid I-shaped 
finned tubes show an increase of C3. Therefore, C3sol 
in the equation for solid finned tubes (15) is 
considered.  

Overall heat transfer rises by about 22%. In 
Figure 9, this comparison of Nu at serrated and solid 
I-shaped finned tubes is presented for 13 validated 
measurement points. For a given fin height at h/(t-s) 
= 5.718 a scatter plot, marked with □, is shown. This 
variation occurs due to measurement uncertainty 
when calculating the heat transfer rate. The 
calculated mean value ♦ for a comparison of the two 
different fin types shows good predictive capability 
for the increase in heat transfer rate according to 
equation (35).  
 

 
 

Fig.9: Comparison of serrated and solid I- fins. 
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As the comparison of the serrated and solid 
finned tubes in Figure 9 shows, the dimensionless 
heat transfer coefficient for 8 serrated finned tube 
rows in staggered arrangement is greater than that 
for the solid tube bundle. Fin segmentation increases 
turbulences, while gas penetration to the fin root 
area is improved (cf. Reid and Taborek [1]). 

During manufacturing, the solid fin is stretched 
on the outside and compressed or shaped in a wave-
like manner on the inside. The choice of the strip 
steel for the fins is thus restricted to very ductile 
materials. Serrated finned tubes are easier to 
manufacture using the high-frequency resistance 
welding technique. 
 
5.2 Comparison of solid I-shaped finned 
tubes with literature 

For the evaluation of the external heat transfer 
coefficient of finned tubes, measurements were 
performed using the method of T. E. Schmidt [23]. 
According to T. E. Schmidt, in terms of 
significance, taking into account the bare tube 
diameter as a variable for determining heat transfer 
at finned tubes is compensated by the addition of the 
area ratio. The constants are average values 
resulting from a large number of test cases, mostly 
with annular fins, which result in lower heat transfer 
coefficients than spiral fins (see Figure 10). In the 
latter case, the constants might be increased by 
approximately 10% [8]. Pursuing another course, 
Brandt [32] uses the flooding length as the 
characteristic length. In addition, an arrangement 
factor has to be calculated, in this case using the 
remaining geometrical data. FDBR (Fachverband 
Dampfkessel-, Behaelter- und Rohrleitungsbau) [33] 
selects for the characteristic length the equivalent 
“in-area” diameter according to Schmidt.  

A further equation for heat transfer at staggered 
finned-tube bundles is specified in the VDI 
Waermeatlas, 7th edition [34]. This equation uses 
the bare diameter as the characteristic length. 
Vampola’s equation, cited in [8], is valid for 
staggered finned-tube bundles. He uses a 
characteristic length which is derived from the tube 
diameter and an equivalent fin diameter, with a 
weighted average value for the bare tube surface and 
the fin surface. All of these correlations along with 
scope of validity are described in [8].  

As Figure (10) shows, the results of the 
measurement at solid I-shaped finned tubes lie 
within the range of the other equations, developed 
for solid spiral finned tubes, in the literature. 

 

 
 

Fig.10: Comparison with literature: heat transfer at 8 
tube rows, Pr=0.71, solid I-shaped tubes, d=38mm 

 
5.3 Pressure drop coefficient correlations 

The pressure drop coefficient correlation is 
defined according to Escoa as  
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For the definition of C2, C4, and C6, see the 

literature in [2] and [15]. A comparison of the two 
heat exchanger geometries is only possible at the 
same conditions. The objective function for pressure 
drop is 
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This accounts for dimensionless groups, tube 
row numbers and the geometry. For ξc, the equation  
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is obtained. In Figure 11, the pressure drop 
coefficient for 8 tube rows in staggered arrangement 
is shown. The index ξ indicates the position of the 
measurement. ξ1 (zeta1) is calculated from the static 
pressure differences on the air side at the finned-
tube bundle wall, where ξ2 (zeta2) is calculated from 
total pressure differences in the centre of the 
channel. No flow separation or bypass flow could be 
detected. 
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Fig.11: Pressure drop coefficient for 8 tube rows 
 

For Re > 10000 the pressure drop coefficient of 
the three finned-tube bundles has the same 
characteristics, while for Re < 10000 great 
uncertainty is revealed for the small pressure 
difference among I-shaped finned tubes. For Re ≥ 
15000, a small increase takes place, then, at 25000 < 
Re < 35000, the pressure drop coefficient tends to 
show a constant value. The pressure drop at the 
solid test tubes is higher for the measured Re-range 
than is calculated with equation (38) (see Figure 
12). The U-shaped finned tubes have the same 
gradient as the Escoa correlation for Re < 15000. ξ 
has approximately the same values for 8000 < Re < 
10000. The influence of fin height on the pressure 
drop at the same installation size indicates an 
increase of the pressure drop coefficient with h 
according to all relations in [8]. This is due to less 
net free area in a tube row, which influences wE in 
equation (18) and the pressure drop in (17).  
 

 
 

Fig.12: Comparison of pressure drop coefficient for 
8 tube rows with literature 

Although the fin height varies among the various 
serrated geometries tested, the net free area in a tube 
row is nearly the same in each case. Thus, a 
significant difference among pressure drop 
coefficients is not expected. As the overall heat 
transfer at solid fin tubes is around 20% lower than 
for serrated fin tubes, the pressure drop shows the 
same tendencies.  
 
 
6 Lévêque Analogy for finned tubes 

An analogy exists between pressure drop and 
heat transfer for tube bundles based on the 
“generalized Lévêque equation” [13]. To calculate 
heat transfer in cases of known pressure drop, the 
equation is defined as follows 

 
3/1

h2
hR1f3/1 L

dRex404.0
Pr
Nu

⎟
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⎞

⎜
⎝
⎛ ξ⋅= ,             (41) 

 
where xf  (= 0.46) is a factor according to [13], ξ1R 
the pressure drop coefficient for a single tube row, 
dh the hydraulic diameter (dh = 4A/U) and L the 
diagonal pitch of the longitudinal and transversal 
pitch for staggered arrangements. For more details, 
refer to [13]. The use of this criterion aids in 
evaluating the uncertainty of the pressure drop 
measurement through a comparison of the heat 
transfer calculation and the Lévêque equation. 
Figure 13 shows the characteristics for I-shaped and 
U-shaped finned-tube bundles based on ξ1 and ξ2. A 
comparison with the calculated heat transfer 
correlation in Figure 7 reveals good correlation.  
 

 
 

Fig.13: Lévêque equations according to [13] 
 

The exponents of U-shaped finned tubes are 
almost the same, while differences could be 
identified between the exponents of the calculated 
heat transfer correlations and the Lévêque equations 
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for I-shaped finned tubes with regard to the 
uncertainty of the pressure difference measurement 
for Re < 10000. In this case heat transfer for Re < 
10000 is underestimated. 

All pressure drop measurements were carried out 
at augmented temperatures. Good agreement for the 
prediction of heat transfer correlations according to 
the Lévêque equation can be seen. This criterion 
seems to be valid for finned-tube bundles as well 
and generally indicates low uncertainty in pressure 
drop measurements with our arrangement. 
 
 
7 Performance comparison of  
I-shaped and U-shaped finned tubes 

The three different heat exchangers are compared 
in order to identify the best performance. 
Specifically, the pressure drop characteristic and the 
heat transfer characteristic are indirectly 
proportional. The objective is to identify a Reynolds 
number for the “best point”. Several criteria for the 
evaluation of the performance of a heat exchanger 
can be found in literature (see [8], [16]).  

By way of example, the criteria suggested and 
developed by Webb for single-phase flow [14] was 
used. 
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The terms on the left of this equation, 
(α*A*)/(αA), (P*/P)1/3 and (A*/A)1/3, are part of the 
Colburn factor ratio for heat transfer and the 
pressure drop ratio, whereby 
 

gmpgm wcPrRe
NuSt

gm
ρ

α
== .                   (43) 

 
Enhanced heat transfer is only achieved using 

finned tubes by means of an increase in pressure 
drop. Three different possibilities are described by 
this criterion:  
 

I. (α*A*)/(αA) …maximizing the heat transfer 
rate for equal P*/P and A*/A;  

II. P*/P …minimizing the pumping power for 
equal (α*A*)/(αA) and A*/A;  

III. A*/A …minimizing the overall heat 
exchanger size for equal P*/P and 
(α*A*)/(αA).  

 
 

Ad (I): Maximizing the heat transfer rate 
 

It is assumed that the investigated heat exchanger 
has equal pumping power and equal overall heat 
exchanger size. For equation (42) it follows that:   
 

( ) ( ) ( ) ( )
( ) 3/1*

3/23/2**
**

/

PrSt/PrStA/A
ξξ

=αα .          (44) 

 
At equal installation size, an increase of the heat 

transfer surface area, and thus of the heat transfer 
rate, is only achieved at the expense of an increase 
in pressure drop. Optimizing the heat exchanger by 
means of the performance criterion entails 
maximizing the heat transfer rate while 
simultaneously minimizing pressure drop and heat 
exchanger size. As the comparison between solid 
and serrated finned tubes in Figure 14 shows, the 
heat transfer rate for serrated I-shaped fins increases 
significantly for Re < 10000. For Re > 15000 the 
heat transfer rate, at 1.2, tends to display a constant 
value. This equals the value calculated using 
equation (35).  
 

 
 

Fig.14: (α*A*)/(αA) for serrated/solid I-shaped fins, 
equal P*/P and A*/A 

 
A comparison of the different serrated finned 

tubes is presented in Figure 15. The heat transfer 
rate for serrated I-shaped and U-shaped fins 
increases for Re < 10000 and Re > 20000. This 
effect is more pronounced for low Re numbers. 
Between 10000 < Re < 20000, no significant 
difference can be identified. 
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Fig.15: (α*A*)/(αA) for equal P*/P and A*/A 
 
Ad (II): Minimizing the pumping power 
 

For equal heat transfer rate and equal overall heat 
exchanger size, equation (42) can be written as 
follows:  
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Fig.16: P*/P for serrated/solid I-shaped fins, equal 
(α*A*)/(αA) and A*/A 

 
The pumping power (Figure 16) of the serrated I-

shaped finned tubes is lower for Re < 10000 and Re 
> 20000. At Re = 20000 the pumping power is 
almost the same as with solid finned tubes. All solid 
finned tubes show higher P. This kind of tube has a 
relatively low h and almost equal Asol compared to 
Aser. Satisfying condition (II) at equal (α*A*)/(αA) 
and A*/A results in an increase in pumping power. 
This effect might be intensified by the high 
measurement uncertainty at low Re numbers, as 
mentioned above. 

A comparison of all serrated finned tubes under 
condition (II) is seen in Figure 17. With Re < 10000 
and Re > 20000, pumping power increases for all 
tubes. In the range of 10000 < Re < 20000, pumping 
power displays the same characteristic curve for 
both serrated U-shaped and I-shaped finned tubes. 
The small difference resulting from the varying net 
free area in tube rows with these tube geometries 
was neglected. This difference is about 3.36%. 
 

 
 

Fig.17: P*/P for equal (α*A*)/(αA) and A*/A 
 

Ad (III): Minimizing the overall heat exchanger size 
 

The ratios of the heat transfer rate and pumping 
power are assumed to be 1. Thus, the following 
holds: 
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Fig.18: A*/A for serrated/solid I-shaped fins, equal 
P*/P and (α*A*)/(αA) 
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The two I-shaped finned-tube bundles are 
considered first: In Figure 18, the ratio of the total 
outside surface area of the bundles is presented. The 
α values for the two heat exchangers vary only little. 
To enhance heat transfer, it is necessary to enlarge 
the tube surface area and/or improve heat 
conduction.  

Within the Reynolds range investigated, an 
enhanced system is achieved using a solid finned 
tube. 
 

 
 

Fig.19: A*/A for equal P*/P and (α*A*)/(αA) 
 

Yet for Re < 10000 and Re > 20000 the 
installation size of the heat exchanger with U-
shaped fins is superior (refer to Figure 19). In the 
range of 10000 < Re < 20000 no improvement of 
the heat exchanger size is possible. This inverse 
result is due to the constant transverse and 
longitudinal pitch. As the finned tubes have almost 
the same net free area within one tube row, only the 
packing density of the heat exchangers differs.  

 

 
 

Fig.20: Ratio solid/serrated NuI of investigated tubes 
 

All serrated I-shaped finned tubes would require 
less space than U-shaped finned tubes. Yet this 
result is obtained only for the same tube pitch. 
In Figure 20, the ratio of Nusselt numbers for the 
tubes with I-shaped fins is shown. The segmentation 
of the fin may be seen to increase the dimensionless 
heat transfer coefficient within the investigated 
Reynolds range. 

For Re < 10000 and Re > 20000, this effect is 
even more significant. Moreover, a comparison of 
serrated I-shaped and U-shaped finned tubes reveals 
superior results using I-shaped fins with a fin height 
of 15 mm (Fig. 21).  
 

 
 

Fig. 21: Ratio NuI/NuU for serrated tubes 
 

This relation does not take into account 
variations in heat conduction between U-shaped and 
I-shaped fins. In the range of 10000 < Re < 20000, 
serrated heat exchangers display very similar 
behaviour; no advantage in terms of pumping power 
or heat exchanger surface area could be observed for 
this range. This leads us to conclude that fin height 
is apparently the single most important factor for 
evaluating the performance of the investigated 
finned tube geometries. 
 
 
8 Conclusion 

Experimental studies were performed to compare 
heat transfer and pressure drop correlations of 
serrated and solid finned tubes as well as the 
influences of various geometric parameters such as 
fin height. Following an analysis and evaluation of 
the measured values, heat transfer and pressure drop 
correlations were determined. A comparison with 
correlations from the literature revealed good 
congruence with little uncertainty. A comparison of 
the investigated fin tubes with the literature also 
revealed a decrease in heat transfer with greater fin 
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height. Thus, an optimum fin height can be 
determined and/or achieved, e.g. by using second 
law analysis. A comparison with the Lévêque 
equation revealed good predictive ability for the 
Nusselt number at given pressure drop values. A 
performance evaluation criterion for single-phase 
flows was applied to characterize the efficiency of 
the various finned-tube bundles. Upon comparing 
serrated finned tubes, three ranges could be 
identified: Re < 10000, 10000 < Re < 20000 and Re 
> 20000. Despite varying fin height and fin pitch in 
the two different geometries, no substantially 
differing tendencies could be observed when 
applying these equations.  

A comparison of solid and segmented finned 
tubes revealed a general increase in the air-side heat 
transfer coefficient within the investigated Reynolds 
range. The validated measurement values for solid 
and serrated I-shaped finned tubes displayed good 
agreement with the formulas in the literature.  

All of these results represent the first step in 
evaluating heat exchanger performance using our 
experimental technique.  

As a next step, further studies of geometrical 
constants in the objective functions (36) and (39) 
will be carried out in order to identify any additional 
influences on heat transfer and pressure drop, i.e. fin 
height, fin pitch, fin thickness and fin width. In 
addition, the influence of the differences between 
solid and serrated finned tubes should be analyzed, 
specifically the effects resulting from differing fin 
heights, using various correlations from literature. 
Second law analysis could be applied, for example, 
as a criterion for optimizing performance (geometric 
parameters). Only little data is provided in literature 
regarding the influence on the heat transfer 
coefficient of varying the number of tubes arranged 
consecutively (see [27]). A further step would be to 
investigate various finned-tube arrangements with 
only few tube rows.  
Moreover, the numerical investigation of local heat 
transfer behaviour in a single tube row when 
turbulences (e.g. horseshoe vortices) occur in the 
fluid flow between the fin tips represents a very 
promising subject of study. Measurement results of 
global performance could be compared with these 
calculations. Furthermore, knowledge of fluid flow 
and local heat transfer distribution will provide a 
more complete understanding of performance 
behaviour.  
 
 
9 Nomenclature 
A Surface area [m²] 
Afin Fin surface area of the bundle [m²] 

Atube Bare tube surface area of the 
finned-tube bundle 

[m²] 

Atot Total outside surface area of the
finned-tube bundle 

[m²] 

bs Segment width [m] 
cp Specific heat capacity [J/kgK] 
da Bare tube diameter [m] 
DH Hydraulic diameter [m] 
fa Geometry factor [-] 
Fmin Minimum net free area in a

tube row 
[m²] 

G(υ) Fitting function - 
h(υ) Side function - 
h Average fin height [m] 
h Specific enthalpy [J/kg] 
hred Reduced fin height for the radian

part with the segment 
[m] 

hred2 Reduced fin height for the radian
part without the segment 

[m] 

k Heat transfer coefficient [W/m²K]
L Diagonal pitch [m] 
m&  Mass flow [kg/s] 
m1 Parameter for the fin efficiency [1/m] 
m2 Parameter for the fin efficiency [1/m] 
M1..6 Measurement values  
NR Number of tubes in the

flow direction  
[-] 

p Pressure [N/m²] 
Δp Pressure drop [N/m²] 
Q&  Heat transfer rate [W] 
s Average fin thickness [m] 
t Fin pitch [m] 
tl Longitudinal tube pitch [m] 
tq Transverse tube pitch [m] 
T Temperature [K] 
ΔTln Logarithmic mean temperature

difference (LMTD) 
[K] 

Ts Average fin temperature [K] 
U Circumference [m] 
V Corrected measurement value  
V&  Volume flow [m³/h] 
wE Velocity in the net free area of a

tube row 
[m/s] 

ww Velocity of water [m/s] 
xF Factor according to [13] [-] 
j Colburn factor [-] 
Nu Nusselt number [-] 
Pr Prandtl number [-] 
Re Reynolds number [-] 
St Stanton number [-] 
 
Greek Symbols 
α Heat transfer coefficient [W/m²K]
ηr Fin efficiency [-] 
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ηr1 Fin efficiency for the radian part 
with the segment 

[-] 

ηr2 Fin efficiency for the radian part 
without the segment 

[-] 

λr Thermal conductivity of fin [W/mK] 
λ Thermal conductivity [W/mK] 
λ1..6 Lagrange multiplicator - 
υ Correction - 
ρ Density [kg/m³] 
σΜ1..6 Co-variances [-] 
ξ Pressure drop coefficient [-] 
 
Indices 
0  Characteristic length at da 
1  Inlet 
2  Outlet 
8R  8 tube rows  
1R  Single tube row 
a  Outside 
b  Calculation condition 
c  Converted 
ch  Channel 
f  Fix 
g  Gas 
h  Hydraulic  
i  Inside 
I, U Shape of finned-tube 
m  Average mean 
K, m, n Function on geometric parameters 
  and tube-bundle arrangement in equ. (33) 
min Minimum 
s  Serrated I-shaped tube 
sf  Fin fixed 
sol  Solid   
ser  Serrated 
tot  Total 
w  Water 
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