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Abstract. Theoretical analysis of the influence of the increase of the rotational speed of the rotodynamic pump
on axial thrust is made in the paper. The algorithm of the designing of the axial thrust relieving system by
means of the relieving holes and relieving blades is presented.

The calculation examples for pump working at low and high rotational speed are included. The conclusions
concerning with both axial thrust relieving systems for high rotational speed are presented.

The laboratory tests of rotodynamic pump working at rotational speed 6000 rpm are presented. The purpose of
the tests was to determine the pump operation characteristics and pressure distribution around the impeller.

Key words: pump, high rotational speed, axial thrust, open impeller, radial blades, pressure distribution

1 Introduction

The tendency is noticed to increase the rotational
speed of the rotodynamic pumps. Increasing the
rotational speed makes possible to decrease overall
dimensions and mass of the pump. It lets to increase
fields of using the rotodynamic pumps — to obtain
high delivery head at low discharge. It has been
possible to obtain such parameters using positive
pumps so far.

At high delivery head, the axial thrust is very
high for closed or semi-open centrifugal impeller [1].

The relieving holes, the relieving blades or
balancing disc are often used to relieve the axial
thrust. The analysis of relieving the axial thrust by
means of relieving holes and relieving blades are
made in the paper.

Using these methods is not satisfactory solution
to the axial thrust problem, therefore using the
double-open impeller was considered.

High resultant tensions act in the open impellers
with blades of single curvature. Blades with variable
thickness must be used.

Centrifugal force “straighten” and deform the
blade. It causes increasing of the outer diameter of
the impeller. It causes necessity of using big radial
and axial gaps between the impeller blades and the
casing walls. A big gap causes high rate of leakage
flow in the pump.

The open impeller with rectilinear radial blades
seems to be a solution to these problems.
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The laboratory investigations of the high
rotational speed pump with double-open impeller
with radial blades are presented in the next parts of
the paper.

The aim of the investigations was to determine
the pressure distribution around the impeller. The
results of the tests confirmed the thesis, that such
design of the impeller reduces the problems
concerned with the axial thrust.

2 Balancing the Axial Thrust by the

Relieving Holes
In case of the pumps working at high rotational
speed high delivery head per pump stage is
obtained. Higher axial forces and higher leakage in
inner seals of the pump are present in consequence
of it.

At high rotational speed balancing (relieving) the
axial thrust is important in conjunction of bearing
system durability.

Therefore designing of the axial thrust system
needs particular care in such cases.

One of the method of relieving or balancing the
axial thrust acting on closed, single-flow impeller of
the pump is using the relieving holes. This method
is common in one- and multi-stage pumps.

Relieving holes are made in rear impellers disc
near the hub and there is the sealing behind the
impeller. The sealing limits fluid flow through the
holes. In such way the balancing chamber come into
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existence. Because of connecting the balancing
chamber with the suction side (inlet to the impeller)
the pressure decreases in the balancing chamber.

Calculating respectively the diameter of the
sealing behind the impeller it makes relieving,
balancing or even changing the direction of the axial
thrust possible.

When we use the relieving holes, the leakage
(volumetric loses) arises in the sealing behind the
impeller and leakage in sealing between the pump
stages increases (in comparison with pump with
ought relieving holes).

The volumetric loses causes decreasing of the
pump discharge and should be considered at main
impeller dimensions calculations.

So designing the balancing system lies in
calculating the dimensions (mainly diameter of the
sealing behind the impeller) what makes balancing
the axial thrust components acting on the impeller
and calculating of the rate of leakage flow possible.

2.1 The algorithm of the calculations of the
axial thrust acting on the impeller and rate
of leakage flow for axial thrust relieving
system by the relieving holes

During defining the pressures acting on outside

surfaces of the impeller it was supposed, that in the

spaces in front of- and behind the impeller the liquid
is rotating with the angular velocity proportional to
the angular velocity of the impeller [2]. In such
conditions the parabolic pressure distribution exists
in this spaces (fig. 1). The way of the calculations
concerned with designing of the relieving system is
given below. One-dimension theory of flow through
pump stage was used [3-6].

Fig. 1. Schema of the pump stage with the relieving
holes

Static pressure head at the outlet of the pump
impeller at nominal pump parameters
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Rate of leakage flow in the sealing behind the
impeller
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Rate of leakage flow in the sealing between
pump stages
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In case of the one-stage pumps or last pump
stage of multi-stage pump Qg = 0 [7].
Flow rate through the relieving holes

2
Qod:ﬂ'iod'%\/zg(Hod_Ho) (12)

Flow coefficient (number) through the relieving
holes [8, 9]

u

o

,u=0,183-ln(61'[-vo+1j (13)

Liquid velocity in the relieving holes
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. 92
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o
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Velocity of transportation of the relieving holes

:H'dpod'n
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(15)

Rate of leakage flow behind the impeller and
flow rate through the relieving holes are connected
with the relation

Qod = QszZ + Qsz3 (16)

It is possible to calculate pressure head in the
balancing chamber H,4using formulas given above.
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Axial force acting on the front impeller disc
dZ ’ d:zl ’
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Axial force acting on the rear impeller disc
outside the balancing chamber

remeo (4] (5] 0
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Axial force acting in the balancing chamber

d_.Y (d.,Y
F3=H-g-p-{[ ;j —[ ;j :|'Hod (19)

Hydrodynamic reaction of the fluid flowing into
the impeller

Fy=p-c,-(0+0,,) (20)

Hydrodynamic reaction of the fluid flowing out
of the relieving holes

Fvod =PV (QszZ + Qsz3) (21)
Resultant axial force acting on the impeller
F=F2+F3_F]_Fs_Fyod (22)

For balancing the axial thrust (in one impeller
limits) such diameter of the sealing slot behind the
impeller dy,; should be calculated, that F = 0.

Fulfilment of the condition is possible only at
nominal pump parameters. Laboratory
investigations [10] have shown, that during
decreasing of the pump discharge, the axial thrust
increases. Axial thrust has maximum for discharges
nearly equal or equal zero (investigations was made
for pump with d;; = dy;3). Increasing of the delivery
head of the pump and increasing of the static
pressure at the impeller outlet and changes in
pressure distributions around the impeller causes the
increase of the axial thrust.
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Assuming, that angular velocity of the fluid in
space in the impeller is equal angular speed of the
impeller, it is possible to estimate the maximum
static pressure at the outlet of the impelled from the
formula

22 (444

Using pressure head calculated in such way it is
possible to estimate the axial thrust at discharge
equal zero (impeller discharge is equal rate of
leakage flow in such conditions).

(23)

2.2 Calculating example for relieving the axial
thrust by the relieving holes

Using the formulas given above the calculations

were made for follow pump impellers:

A. multi-stage pump for rotational speed
n = 1450 rpm, (not last stage)

B. one-stage  pump for rotational  speed
n = 1450 rpm,

C. one-stage  pump for  rotational  speed

n= 11800 rpm,

Performance parameters of the analysed pumps
are given in table 1, and basic design dimensions in
table 2.

Table. 1. Performance parameters of the analysed

Andrzej Wilk

- linear hydraulic loss factor A = 0,01.

The values of the axial thrust for impeller
without the relieving holes were calculated. The
axial thrust is respectively:

FAa=Fg=1749 N Fc=2490 N

The diameter of the sealing ds; in purpose of
complete balancing (F=0) the axial thrust was
calculated. Results are given in table 3.

Table 3. Parameters in pump stage for complete

balancing (F = 0) the axial thrust
Parameter | pump A B C
H, m 21,31 21,31 409,07
Hy, m 16,03 16,03 285,97
Hy,3 m 16,10 16,08 286,61
Hoq m 1,40 1,14 28,37
Qs m’/s | 0,000881 | 0,000881 | 0,001492
Qun m’/s | 0,000353 0 0
Qs m’/s | 0,000864 | 0,000866 | 0,001450
Qu/Q 0,0541 0,0385 0,58
u 0,249 0,206 0,322
F N 0 0 0

Next, for calculated diameter of the balancing
chamber sealing, the axial thrust for Q=0 was
calculated (at maximum delivery head of the
impeller) Results are given v table 4.

Table 4. The parameters in pump stage at zero

pumps
Parameter Pump A B C

discharge Q m’/s |0,0225 | 0,0225 | 0,0025

delivery head for

one pump stage m 29 29 500

AH

rotational speedn | rpm | 1450 | 1450 | 11800

pumps hydraulic| 1 gg7 | 0887 | 0,710

efficiency n

Table 2. Basic design dimensions of the analysed

discharge
parameter | pump A B C
Hyp max m 22,21 22,21 509,74
Hg,i m 16,93 16,93 386,64
Hgzs m 17,00 16,98 387,28
Hog m 1,47 1,15 33,52
dss3 m 0,1379 0,1370 0,0552
Qs m’/s | 0,000905 | 0,000905 | 0,001735
Qs m’/s | 0,000306 0 0
Qs m’/s | 0,000888 | 0,000891 | 0,001697
Q./Q 0,0531 | 0,0396 0,68
u 0,247 0,209 0,346
F N 0 0 -54

pumps

dimension | pump A B C
dy m 0,300 0,300 0,168
do m 0,122 0,122 0,032
d, m 0,0546 | 0,0546 0,000
doa m 0,015 0,015 0,005
lod 6 6 10

It was assumed [2 — 5, 11, 13], that:
- proportional coefficients k; = k, = 0,5;
- local hydraulic loss factor § = 0,5
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2.3  Conclusions concerned with using the
relieving holes in high rotational speed
pumps

By analysing the results of the calculations related

to balancing the axial thrust by the relieving holes,

ones can come to the conclusions:

- the axial thrust for impellers without relieving

holes has considerable value, therefore the axial
thrust should be relieved (balanced),
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- in case of using the relieving holes it is possible
to balance the axial thrust (in case of one- and
multi-stage pumps),

- in case of using the relieving holes it is possible
to balance the axial thrust either in case of pump
working with low or high rotational speeds.

- it is necessary to assure low pressure in
balancing chamber proper work of the balancing
system. It is possible to obtain such conditions
by good sealing of the balancing chamber,

- the width of the gap s, has essential meaning for
rate of leakage flow [14]. Considerable rate of
leakage flow in the one-gap sealing at impeller
inlet occurs in case of the high rotational speed
pumps
Decreasing of the gap width s is limited by

technological purposes. Therefore flow rate through

the relieving holes and sealing at the impeller inlet
increases together with pump rotational speed.

Using the sealing gap in the axial thrust
balancing systems with relieving holes in high
rotational speed pumps causes significant
decreasing the pump efficiency.

3 Balancing the Axial Thrust by the
Relieving Ribs

Another method of the relieving the axial thrust is
using the relieving ribs. Relieving ribs are placed on
the impeller rear disc. The liquid in the space behind
the impeller rotates with the higher rotational speed
then in case of the disc without the ribs. It causes
change of the pressure distribution and relieving the
axial thrust (Fig. 2).

\l'\:“nll
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Fig. 2. Schema of the pump stage with the relieving
ribs

&
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Calculating respectively the dimensions of the
relieving ribs it makes relieving, balancing or even
changing the direction of the axial thrust possible.

The essential task in designing the balancing
system with the relieving ribs is calculating the
dimensions of the relieving ribs what makes
decreasing resultant axial thrust.
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3.1 The algorithm of the calculations of the
axial thrust for semi-open impeller with
the relieving ribs

The calculations we made for the closed impeller
have shown, that in case of the closed impellers
working at high rotational speed there is the
significant pressure difference in the sealing at the
impeller inlet. For the technological and
exploitations reasons it is not possible to decrease
the width of this gap infinitively or use two-gap
seals. Therefore the rate of leakage flow between
space in front of the impeller and inlet to the
impeller is significant and causes decreasing the
volumetric efficiency of the pump. Impeller without
the front disc (semi-open impeller) has no such
disadvantage. Therefore below given algorithm of
designing the axial thrust balancing system is given
for semi-open impeller. One-dimension theory of
flow through pump stage was used [3 - 6].

Rotodynamic pumps for high rotational speed
often needs affluence for proper work. Therefore the
axial force connected with the affluence pressure
was considered in the calculations

Hydraulic efficiency of the impeller

1+n,
T == 24
Angular velocity of the impeller
W= @ (25)
30

Velocity of transportation at the outlet of the
impeller

d, o
2

u, (26)

Static pressure head at the outlet of the pump
impeller at nominal pump parameters

AH
H, = AH T (1— o ZJ 27)
7, 2-n,u,

Assuming the parabolic pressure distribution in the
space around the impeller it is possible to calculate the
coefficient of the rotational speed of the liquid

=GR
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Axial force acting in the semi-open impellers
surface
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e8]
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rag |2 2
Velocity of the liquid at the inlet to the impeller
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Hydrodynamic reaction of the liquid flowing into
the impeller

Fo=p-c,-Q (1)

Axial force inducted by affluence pressure

Axial force acting on the impellers rear disc
surface without the ribs

anp[(dz](i”
pe ]

Pressure head at the outer diameter of the
relieving ribs

o’k2\(d,\ (d.Y
Hir=H,~ 23[(2j _(Z{) G4
g 2 2

Coefficient of the rotational speed of the liquid
behind the impeller

k4::(L5(14— b, J (35)

b +s,

(33)
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Axial force acting on the impellers rear disc
surface with the ribs

fre- 47 -(4)])

Pressure head at the inner diameter of the
relieving ribs

o’k (d,Y (d,Y
H,=H,,- 5 : {( sz _(_le (37)
g 2 2

Axial force acting on the impeller’s rear disc
surface without the ribs

F, _n.g.p.{[zj [ : J }
4g |\ 2 2
Pressure head at the inlet to the sealing gap

02 | (d, Y (d,Y
HS22 :Hdzl - 2 : ( le - = (39)
g 2 2

(3%)

Resultant axial force acting on the impeller
F=FR+F+F-F-F-F, (40)

Positive value of the axial thrust means it is
directed to the suction side of the pump, negative
value — to the pressure side.

3.2 Calculating example for relieving the axial
thrust by the relieving ribs
Using the formulas given above the calculations
were made for the stage of the high rotation speed
pump. Performance parameters are as it follows:
- discharge Q =0,0025 m’/s
- delivery head per one stage AH =500 m
- rotational speed n= 11800 rpm
- hydraulic effectiveness of the pump n,= 0,710
The pump has main dimensions as it follows:
- diameter if the impeller’s blade beginning
d;=0,045m
- outer diameter of the impeller d, = 0,168 m
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- diameter of the impeller’s inlet dy = 0,032 m

- width of the relieving rib b, = 0,003 m

- width of the gap behind the impeller

So=0,0002 m

The proportional coefficients for the spaces
without the ribs were assumed [2-5, 11, 13]
k;=ks=0,5.

Pressure head of the affluence H, = 100 m

3.2.1 Calculations at pump nominal parameters
The proportional coefficients (of the fluid rotation)
in the space with the ribs k4 depend on the width of
the gap sy between the ribs and pump casing. When
width of the gap increases (caused for example by
erosion of the casing or improper assemblage of the
pump) the pressure distribution and axial thrust
changes. The calculation results for nominal pump
parameters for different width of the gap (so = 0,004
+0,0015 m) are given in the table 5.

Table 5. Axial thrust for the nominal pump
parameters for different width of the gap s,

So |[mm| 04 0,6 0,8 1,0 1,2 1,4
H, | m 409,07

Hypn | m 409,07

H, | m 0

Hg, | m |-19,38| 2,64 | 21,86 | 38,75 | 53,71 | 67,04
Hypo | m | -22,08 | -0,06 | 19,16 | 36,05 | 51,01 | 64,34
Fi | N 41287

F, | N 8

F, | N 1775

F; | N 0

ky 0,941 | 0,917 | 0,895 | 0,875 | 0,857 | 0,841
F, | N | 37321 | 39430 | 41270 | 42888 | 44321 | 45598
Fs | N -89 6 88 160 224 281
F N | -5838 | -3635 | -1712 | -22 1475 | 2809

It can be concluded, that the axial thrust
increases together with the width of the gap s.
Relation between axial thrust and the width of the
gap is shown in the fig. 3.

3.2.2 Calculations for the different delivery head
of the pump

When the discharge of the pump changes, also

delivery head of the pump and static pressure head

H, at the impeller outlet changes.
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Fig. 3. Relieving the axial thrust with the relieving ribs.
Relation between axial thrust F and the width of the
gap sy for the nominal pump parameters.

Pressure changes in the spaces around the
impellers cause changes of the axial thrust. It is
possible to define pressure changes using theoretic
analyses, laboratory tests or numerical modelling
[3-6, 12, 16 - 19]. The results of the calculations
for different delivery head (for constant gap width
so = 0,0010 m) are given in the table 6.

Table 6. Axial thrust for different delivery head
for constant gap width sy =0,0010 m

H, [m| 510 | 475 450 | 400 300 200
ky 1,000 | 0,965 | 0,940 | 0,886 | 0,767 | 0,626
H; | m 0
Hy, [m| 139,7 | 104,7 | 79,7 | 29,7 | -70,3 | -170,3
Hy, (m| 137,0 | 102,0 | 77,0 | 27,0 | -73,0 | -173,0
F, [ N[ 51473 | 47941 | 45418 | 40371 | 30279 | 20186
F, [N 8
F, |N 1775
F, |N 0
F, | N| 62220 | 55516 | 50727 | 41150 | 21996 | 2842
Fs [ N| 592 | 442 | 335 121 -306 | -734
F | N| 9555 | 6234 | 3862 | -883 |-10372|-19860
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It can be concluded, that axial thrust increases
together with the delivery head. The relation
between axial thrust F and the static pressure head at
the impeller outlet H,, is given in fig. 4.

F [N]

o000 /
G /
=3000 /
-10000 /

—-135000

250 300 350 400 450 500 Hp Im]

Fig. 4. Relieving the axial thrust with the relieving ribs.
The relation between axial thrust F and the static
pressure head at the impeller outlet H, for constant gap
width sp =0,0010 m

3.3 Conclusions concerned with using the
relieving ribs in high rotational speed
pumps

By analysing the results of the calculations related

to balancing the axial thrust by the relieving ribs in

high rotational speed pumps, ones can come to the
conclusions:

- axial thrust components have considerable values,

- in case of using the relieving ribs it is possible to
balance the axial thrust only for selected
operational point (selected parameters). It is not
possible to balance axial thrust in the whole
range of the parameters,

- changes of the width of the gap between the edge
of the relieving ribs and the pump casing causes
considerable changes of the axial thrust,

- at performance parameters different than
nominal, the axial thrust may have considerable
values.

In case of high rotational speed pumps both the
change of the performance parameters and the
change of the width of the gap between relieving
ribs and pump casing causes change of the axial
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thrust. Big values of the axial thrust may lead to
significant decrease of durability of the pump
bearing system. In extremely disadvantageous
combination of work conditions quick destruction of
bearings may occur.

4 Laboratory Tests of the Pump with

Double-Open Impeller

4.1 Aim of the tests

It may be predicted, that in case of double-open
impeller using, pressure distribution around the
impeller (in front of- and behind the impeller)
should be similar at whole range of discharge. In
such case the axial thrust will be small and its
relieving - simple. To verify the thesis, the
laboratory tests of the pump with double-open
impeller were made. The aim of the tests was to
determine pressure distribution around the impeller
of the pump at rotation speed ny,, = 6000 rpm.

Fig. 5. The impeller with constant strength blades

Fig. 6. View of the constant strength blade deformed by
centrifugal force
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High resultant tensions act in the blade in the
double-open impeller with blades of single
curvature. It is not possible to use blades with
constant thickness. Blades with variable thickness
(constant strength) have to be used. The impeller
with constant strength of high-speed pump is
presented in fig. 5.

But tensions acting in a blade with single
curvature cause deformations of the blade.
Centrifugal force “straighten” and deform the blade.
It causes increase of the outer diameter of the
impeller. It causes necessity of using big radial and
axial gaps between the impeller blades and the
casing walls. A big gap causes high volumetric loses
in the pump.

In the fig. 6. the view of the blade designed as
blade with constant strength is presented. During
work at rotation speed n= 11800 rpm centrifugal
force acting on the impeller causes crossing the
plastic range of the blade material and its
deformation, increasing impeller diameter and its
destruction.

The open impeller with rectilinear radial blades
seems to be a solution to these problems.

4.2  Description of the model pump

Laboratory tests discussed in this paper were carried
out on model pump specially designed for these
tests.

Main (centrifugal) impeller has rectilinear radial
blades. For the constructional (bind the blades to the
hub) and strength reasons the impeller has residual
back disk. Centrifugal impeller is presented in Fig. 8.

It is a one-stage pump with initial impeller. The
pump has a horizontal axis.

Initial impeller is shaped like one twist worm
screw with constant inner diameter and constant
outer diameter. Initial impeller is presented in Fig. 7.

Fig. 7. The initial impeller
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Fig. 8. The centrifugal impeller

The pump has mechanical sealing. The pump
shaft has its own ball bearings.

The pump has spiral casing [18].

It is possible to carry out the laboratory tests at
the rotation speed up to 12000 rpm.

It is possible to carry out the tests for initial
impellers with different pitch of the screw line and
centrifugal impellers with different outer diameters,
different diameters of blade beginning, different
width of the blades and different gaps between
impeller and casing.

The model pump is presented in Fig. 9.

Fig. 9. The model pump

5 Laboratorial Tests
Laboratory tests were carried out at rotation speed
Npom = 6000 rpm.
During the tests following impellers were used:
Initial impeller:
outer diameter of the impeller ds; = 0.040 m,
hub diameter dy; = 0,015
pitch of the screw line t; =0,021 m
number of pitches of the screw line z, =2
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- width of the radial gap between the outer
diameter of the initial impeller and the casing
$s = 0,001 m

Centrifugal impeller:

- outer diameter of the impeller d, = 0,180 m

- diameter of blades beginning d; = 0,060 m

- width of the blade at the inlet b; = 0,018 m

- width of the blade at the outlet b, = 0,009 m

- number of the blades z = 12.

- width of the axial gap between front wall of
the casing and the blades of the impeller
$1=10,003 m

- width of the gap between back wall of the
casing and the blades of the impeller
$,=0,003 m

Tests were made in accordance with Standard
PN-EN ISO 5198:2002 (Centrifugal, mixed flow
and axial pumps - Code for hydraulic performance
tests - Precision class)

Laboratory tests were made in the Laboratory of
Hydraulic Machines of the Institute of Power
Engineering and Turbomachinery of the Silesian
University of Technology, Gliwice, Poland.

The aim of the tests was to determine pump flow
characteristics H=1(Q) and n=1f(Q) at rotation
speed nyom = 6000 rpm

Additionally, the pressures were measured in
space around the impeller i.e. pressure at the inlet to
centrifugal impeller and pressures at the casing
walls in front of the impeller and behind the
impeller. Pressures were measured at different
radiuses.

Delivery head was calculated as

2 2
H _ P p1+W2 e +Az [m]

" (41)
p-g 2-g
Pump efficiency was calculated as
H -p-
p=Qr lnp8 “2)
1000- P

Rotation speed during measurements was not
exactly equal to nominal so pump parameters were
corrected as follows

0=0, ("J
nnom
H=H, [”}
nnom
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6 Tests Results

The test results are presented in graphs.

10

Pump characteristics are presented in fig. 10.

H[m] 1n=6000 rpm
. 1000 kg/m’
150 b Q) N\
200
PlkW] R
150 |30 ca 103
/":‘V }
i
P=fQ) WV“KM
100 {20 R i < 02
50 |10 // 0.1
0 0
0 0.5 1.0 1.5 2.0 2.5 Q [dm’/s]

Fig. 10. Pump performance characteristics

Pressure head behind initial impeller in the
function of discharge is presented in fig. 11.

n=6000 rpm
~ 1000 kg/m’

AN

) \
; \

Q [dm’/s]

Fig. 11. Pressure head behind the initial impeller in the
function of discharge

Fig. 12 presents pressure head in front of the
impeller and behind it at different radiuses. Fig. 13
shows pressure head in front of and behind the
impeller in the function of radius at discharge
Q=145 dm’s.
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Fig. 12. Pressure head in front of the impeller and
behind it at different radiuses
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Fig. 13. Pressure head in front of and behind the
impeller in the function of radius

7 Conclusions

1. Pump with tested initial impeller had not any
higher discharge, because at discharge
Q>2dm’/s there was underpressure behind
initial impeller (before centrifugal impeller) and
at discharge Q = 3.3 dm’/s there were cavitations
in the pump. Initial impeller with higher pitch of
the screw line should be used to obtain higher
discharges.
In the tested range efficiency of the pump
increases, what means that with such
combination of impellers (initial and centrifugal)
the pump did not reach nominal (optimal)
parameters.

ISSN: 1790-5087

11

Andrzej Wilk

2. Head/discharge characteristic H = f(Q) is nearly
a straight horizontal line. For rotodynamic
pumps with “classic” impellers delivery head
decreases with increasing of the discharge.

3. Pressures in the spaces around the double-open
impeller, in front of- and behind the impeller
have similar values (at the same radiuses) in
whole range of performance parameters.
Resultant axial force as a result of pressure
forces acting is not big.

4. Relation between pressure at wall before the
impeller and radius is linear. Pressure at wall
behind the impeller near the hub is little lower
than at the same radius in front of the impeller.
Ending of the impeller back disk probably causes
it. Although the impeller is open, pressure
distribution is not the same. It must be taken into
consideration during axial thrust calculations.
Realised laboratory tests of the high rotational

speed pump with double-open impeller with radial
blades confirmed the thesis, that such solution is
better with regards to axial thrust. The delivery head
of the pump is high. Similar pressure distributions at
both sides of the impeller caused, that resultant axial
thrust is not big. It was confirmed by numerical
calculations by CFD methods [19]. It is also
advantageous, that pressure distribution is similar in
whole range of pump performance parameters.
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Notation schedule

b, - width of relieving rib, m
¢ - velocity, m/s
do - diameter of the inlet to impeller, m
doa - diameter of the relieving holes, m
d, - diameter of the impeller hub, m
dpod - dividing diameter of relieving holes, m
ds, - diameter of sealing gap, m
d, - outer diameter of the impeller, m
F - force, N
g - acceleration of gravity, m/s®
H - total delivery head of the pump, m
Hai, Hay - pressure head in front of/behind the
impeller measured at radius
ra= 0,085 m
Hg,Hp, - pressure head in front of/behind the
impeller ~measured at radius
rg = 0,0725 m
Hei, Hey - pressure head in front of/behind the
impeller measured at radius
rc= 0,060 m
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