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Abstract: Tube row effects on heat transfer at transverse serrated finned-tubes in cross-flow were investigated.
The heat exchanger consists of finned-tubes, which are arranged as 8, 6, 4, 2 consecutive columns in flow
direction, or as a single tube row, each consisting of 11 horizontal tubes. The tubes are arranged in a staggered
formation at equal transverse and longitudinal pitch. The experimental setup, the measurement technique, and
the measurement uncertainties are presented. After measurement validation, the derived correlations for the
Nusselt number were compared with experimental results and equations from literature. A decreasing relative
deviation with an increasing number of consecutive tube rows between counter-flow and counter cross-flow, in
the formula for the calculation of the logarithmic mean temperature difference, can be seen. A reduction
coefficient for finned-tube heat exchangers with few consecutive tube rows in gas flow was developed.
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1 Introduction
Finned-tube bundles in heat exchangers for heat
recovery steam generators are very often applied
with only a few consecutive tube rows in cross-flow.
As tests have shown, the heat transfer coefficient at
heat exchangers in staggered tube arrangement
varies with the number of consecutive tube rows.
The heat transfer coefficient increases at staggered
arrangements with the number of consecutive tube
rows in cross-flow until an almost constant value is
achieved. According to different authors, this varies
from 4 to 10 tube rows. Investigations presented in
[17], [18], [20], [21], and [24] have shown, that for
common tube arrangements in heat recovery steam
generators, this critical value is reached with about 8
tube rows. The usually applied equations for heat
transfer of finned-tube bundles indicate a critical
value of more than 8 tube rows. For a smaller
number of tube rows, a reduction coefficient arises,
which is dependent on the Reynolds number. This
can be applied both for tube rows with solid and
serrated fins. The pressure drop coefficient on the
other hand shows no distinctive dependence on the
number of consecutive tube rows in cross-flow.
Experimental investigations at solid and serrated
finned-tubes have been studied extensively by [1],
[9], [10], [11], [22], [13], and [24]. The influence of
the arrangement of finned-tubes was investigated by
[2], [11], and [16]. Weierman and Taborek [16]
found that in-line arrangement should only be used
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for special cases because of the disadvantage of
possible bypass flows between the tube bundles.
Bell and Kegler [2] analyzed the effect of bypassing
in heat exchangers for a specific thermal
performance. Briggs and Young [15] investigated
several finned-tube configurations. The given heat
transfer correlation is based on tubes varying widely
with respect to fin height, fin thickness, fin spacing
and root diameters. These equations can be used for
predicting six-row deep tube banks with solid fins.
Ward and Young [4] developed heat transfer and
pressure drop correlations for plain finned-tubes
with triangular pitches.

Numerous correlations for the prediction of heat
transfer of serrated fin tubes have been derived in
literature, whereas Nir’s [19] correlations are based
on a large amount of heat-transfer and pressure-drop
data. In [14] and [24], an excellent overview of
circular finned-tube studies is presented.

In the present study a function for a reduction
coefficient for finned-tube heat exchangers,
depending on the number of tube rows, was
developed.

2 Experimental Procedure

In Fig. 1 the layout of the test facility for heat
transfer and pressure drop measurements at finned-
tube bundles in cross-flow is shown. This test
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facility allows measuring at Reynolds numbers in
the range between 4500 and 35000.

Variable incidence
entry vane

Radial fan”

Duct-burner

Water
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Fig.1: Sketch of the test facility

The finned-tube bundle is admitted with hot gas
up to 400°C, which is generated by combustion of
natural gas. Air is sucked in using a Venturi nozzle
and a smaller ISA 1932 inlet nozzle for low Re-
numbers, which are also used for mass flow
measurement of combustion air. Both measurement
systems were pre-calibrated before application. A
variable incidence entry vane is mounted in front of
the radial fan for mass flow regulation of the air.
The radial fan generates 45000 Nm3/h at 3500 Pa.
The burner is designed as a duct burner with a
maximum power of 1160 kW. As flow regulating
systems, two static mixers, a flow rectifier, which
consists of three fine wire meshes in close
arrangement, and a 2000 mm inlet channel, which
serves to calm the fully developed turbulent flow,
are installed.

The finned-tube counter cross-flow heat
exchanger consists of a rectangular sheet steel
channel, in which the staggered finned-tubes are
arranged horizontally with a tube length of approx.
500 mm and a given transversal and longitudinal
pitch. All connecting pipes are arranged at the
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outside of the channel. This is the only arrangement
which allows exact measurement of heat transfer at
the small test section width of the tube banks.
Therefore, the measurements are not influenced by
any bypass flow through the space for the bends.
Bundles, consisting of 88, 66, 44, and 22 tubes,
which were arranged in 8, 6, 4, and 2 consecutive
columns in flow direction, each consisting of 11
horizontal tubes, were investigated.

In all cases for an even cooling water flow
distribution in the tubes, orifices after the inlet
collector are installed, for more details refer to [3].
Measurements for a single tube row were only
possible due to modification of the test rig, because
the system is only designed for an even number of
tube rows. The characteristic parameters of the
analyzed finned-tube are presented in table 1.

Fin Geometry U-serrated
Bare tube diameter 38.0 mm
Tube thickness 3.2mm
Number of fins per m 295
Average fin height 20.0 mm
Average fin thickness 0.8 mm
Average tube length 495 mm
Average segment width 4.3 mm
Number of tubes in flow-direction 8,6,4,21
Number of tubes per row 11
Longitudinal tube pitch 79 mm
Transversal tube pitch 85 mm
Outside surface area for 8 tube rows 84.48 m2,
for 6 tube rows 63.36 m2,
for 4 tube rows 42.24 m?,
for 2 tube rows 21.12 m?
for 1 tube row 10.56 m2
Fin material DCo1
Tube material St 35.8
Net free area of tube row 0.2292 m2

Table 1: Specifications of finned-tubes

Semi-tubes should be arranged on the channel
wall, especially in staggered tube arrangements, in
order to prevent a detrimental bypass flow through
the otherwise empty space. In order to fully achieve
this effect, these semi-tubes should also participate
in heat transfer, which requires a very complicated
design of the water side [3]. The simpler
construction design, as shown in Fig. 2, is usually
chosen therefore. To measure heat transfer at a
lower number of parallel tube rows, i.e. 6, 4, 2 rows,
or a single tube row, the tubes were removed from
the downstream of the flue gas duct. In Fig. 2, a
schematic sketch of four consecutive tube rows in
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staggered arrangement is presented. The transversal
and the longitudinal pitch are different. Thus, these
measurement results differ from those cited in
literature [4], with an equilateral triangular pitch.
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Fig.2: Staggered finned-tube arrangement

The main advantages of the U-fin geometry
(Fig. 3) are a larger contact area between fin and
tube (heat conduction) and a smaller fin spacing
possibility, which allows a higher total outside
surface area at equal fin height of the bundle. Thus,
equal or smaller installation size of the heat
exchanger can be achieved. The geometric
dimensions of the finned-tube are presented in the
schematic sectional drawing (Fig. 3).

Fig.3: Investigated finned-tube with U-fins

Therein the fin pitch t is ng™, b is the average
segment width, hs the average segment height, s the
average fin thickness, h the average fin height, and
D =d,+ 2h, with d, as the bare tube diameter.

The experimental investigation requires a
number of measurements to be taken simultaneously
in order to evaluate and determine the amount of
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transferred heat as well as the gas-side pressure
drop. The temperatures on the water side are
measured for every coiled tube at the inlet and at the
outlet using Pt-100 RTDs (resistance temperature
detectors) so that fringe effects can be ascertained
for the tubes near the channel wall and considered in
the evaluation. Gas temperatures are measured
using NiCr-Ni thermocouples. To affect the flow
pattern not to significantly, the diameter of these
thermocouples was chosen to be only 1.5 mm. Four
thermocouples are arranged and mounted upstream
as well as downstream of the heating surface of the
heat exchanger to obtain a grid measurement. Three
NiCr-Ni thermocouples measure the air temperature
at the Venturi nozzle and after the fan as well as the
gas temperature after the burner. The water mass
flow is measured using a calibrated hot water meter
with an electronic sensor.

Air mass flow is measured by determining the
pressure difference at the Venturi nozzle in front of
the inlet collector using two different sensors: a
Honeywell micro-switch series 160 (+0.25% Full
scale (FS)) and a Furness Controls micro-
manometer. Air humidity is measured by means of
an electronic humidity sensor. The barometric
pressure is measured using a Honeywell HPB digital
precision barometer with an accuracy of +0.4 hPa
FS. The static pressure differences at the air side of
the finned-tube bundle are measured at four inlets in
front of and after the heating surface of the heat
exchanger, using a Honeywell PPT digital precision
pressure transducer with an accuracy of £0.05% FS.

The total pressure difference at the centre of the
combustion channel is measured using a United
Sensor pitot-static pressure probe. The absolute
pressure in the combustion channel is measured
using a Honeywell micro-switch series 160 (£0.25%
FS). All measurement systems were pre-calibrated
before application. The measured values are
transmitted to the process computer using a data
acquisition system of National Instruments and the
LabView 7E program system.

3 Data Reduction

To investigate the characteristics of heat transfer of
finned-tubes, the outside heat transfer coefficient
must be determined. This can be done by use of
energy balances. The heat flow due to the change of
enthalpy of the water in the heat exchanger is

Qw = r‘thpW (TW1 _Twz) : (1)
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The heat flow due to the change of enthalpy of
the gas in the heat exchanger is

Qq = mgcpg (T91 —Tg,)- (2)

The energy balance of water and gas must be equal.

Qy=Qu 3)

The heat transfer coefficient at the inner side of
the tube can be calculated with the knowledge of all
data at the water-side. The volume flow of water is
constant (vw=14.1 m3h at pyw=2.7 bar) with a
known uncertainty. Heat conduction through the
tube wall is known as

Q=kA,LMTD,, 4)
whereby k is the heat transfer coefficient, Ay, the
total outside surface area of the bundle and LMTD¢
the logarithmic mean temperature difference
between inlet and outlet of the heat exchanger.
According to [8], the LMTD for a counter cross-
flow heat exchanger is calculated with
-

LMTD¢. =%/LMTD, (LMTD,)

Therein, z is the number of consecutively
arranged equal crossings. Equation (5) distinguishes
between cross-flow and counter-flow heat
exchangers. In case of z=1, equation (5) changes
into the formula for cross-flow heat exchangers

(%)

LMTD, = (T, -T,,). (6)

The correction factor @ is defined by the balance
or imbalance of the heat exchanger [8]. If z> oo, the
LMTD of a counter-flow heat exchanger is defined
by

Ty ~Tw,)— (T, T
Lo, - WZT) (ng WD
In G 'w,

ng_TW1

In the actual study, the LMTD is calculated using
equation (7) for counter-flow heat exchangers.
Figure 4 presents the relative deviation of the
temperature measurement, comparing equation (5)
and (7) at different tube row numbers. As shown in
Fig. 4, the difference between counter-flow and
counter cross-flow in the formula for the calculation
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of the logarithmic mean temperature difference is
decreasing with an increasing number of
consecutive tube rows. The figure shows also that
the influence of a low number of tube rows is small.
Therefore, equation (7) can be used for analyzing
the measured data.
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Fig.4: Relative deviation between counter cross-
flow and counter-flow heat exchanger

With the knowledge of the logarithmic mean
temperature difference and fluid properties, the heat
transfer coefficient at the gas side can be calculated.
A reduction coefficient, termed “fin efficiency” is
introduced [3], by which the actual heat transfer
coefficient is multiplied to obtain the apparent heat
transfer coefficient. Fin efficiency is calculated
according to the laws of heat conduction under the
assumption that the actual heat transfer coefficient is
uniformly distributed across the fin surface [3]. The
apparent heat transfer coefficient is

1
o=

i (8)
In—2&

fon, d

l_fadia_f
k da

r

With the help of fin efficiency, the current
(external) heat transfer coefficient at the surface is

A

— . ©)
Atube + nrAfin

oy =

The dimensionless Nusselt number Nug with the
characteristic dimension d, at the medium gas
temperature is calculated using the equation

aed,

Nu, =
0 oy

(10)
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For more details see [5]. The experimental
uncertainty of the gas-side heat transfer coefficient
was estimated by the law of error propagation of
Gauss.

O massflow of air using ISA 1932 nozzle
& A massflow of air using Venturi nozzle
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Fig.5: Mass flow measurement uncertainties

The average error of the mass flow measurement
of air is about +3-5 %. As presented in Fig. 5, a
disproportionate rising at low Re-numbers (Re <
14000) occurs. In the range of 8000 < Re < 10000
the uncertainty is approximately +10 %, and for
Re < 5000 about +15 %. For this reason an ISA
1932 inlet nozzle was applied for low mass flows.

As mentioned above, the measurements were
performed at the gas-side and at the water-side. To
obtain exact heat transfer correlations, each
calculated point is validated after measuring,
according to a validation model, introduced by J.
Tenner el al. [6]. This curve fitting method uses
equations of mass-balances, of energy-balances, and
measurement value equations. The basic concept of
the validation is to use all measured values with
their variances and co-variances to fulfil all side
conditions. For the chosen variables, mw , mg , Twi,

Twa, Tg1, Tg2 in equations (1) and (2), the conditions
of the energy balance (3) must be met. The real
measured values with their uncertainties
M= (Ml, Mg, Mg, ) (11)

do not satisfy the side conditions. For this reason,
measured data are supplemented with correction
factors. Thus we obtain the following:
V=M+v. (12)

The corrections v are determined in such a way

that equation (13) reaches a minimum and the side
condition (14) is equal to zero.
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G(U)ZUTZ Mv — Min (13)

h(V)=0 (14)

Equation (13) is the fitting function with the
inverse matrix for the co-variance. All measured
values are independent and the matrix of the co-
variance is according to [6], [7]. After combining
equation (13) and (14), and using the Lagrange
multiplicator

yz(yl,yz, ........ ,ye), (15)
the fitting function is written as follows:
2 2
G(V,7) :w ............ +(V6_+6)+
O, O,

+21\Vie,,, (V, = V3) = Ve, (Vi = Vg ))—> Min . (16)

The solution of equation (16) is known as
calculus of variations with side functions, according
to Gauss. A system of equations for seven variables
is obtained. After applying this criterion, all
measured values can be developed into correlations
for the prediction of the Nusselt numbers.

3 Results and Discussion
According to the method of dynamic similarity an
objective function of Nusselt is defined as follows:
Nu =f(Re,Pr). an
Following dimensional analysis, the power law
for the heat transfer correlation was developed.
Nu=CRe™Pr" (18)
C and m are functions of geometric parameters,
whereas n depends on the fluid properties. All Nu
correlations are calculated at constant Pr values. In
case of air as heat transfer medium, the thermal
boundary layer is thicker than the boundary layer of
fluid. The variation of Pr under test conditions is
small and can therefore be neglected in further
calculations.
Figure 6 shows the dimensionless heat transfer
coefficient for a representative number of measured
points in the Re-range of 8, 6, 4, and 2 serrated

finned-tube rows in staggered arrangement and for a
single tube row.
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Fig.6: Heat transfer of different consecutive tube
row numbers, for Pr=0.71 and d=38 mm

As seen, the heat transfer coefficient increases
with an increasing number of tube rows. The Nu-
number tends to be constant above 8 tube rows, see
Fig. 13 and Fig. 6. The measurement uncertainty for
a single tube row is high, due to low fluid
temperature difference between inlet and outlet at
the water-side.

Figures 7 to 10 show a comparison of the
measured results at 8, 6, 4, and 2 consecutive tube
rows with Weierman’s correlations [17] and [9].
Additional results for 4 and 2 tube rows, compared
with correlations developed by Nir [19] and VDI
WA [23], are presented in Fig. 9 and 10. The VDI
equations are valid only for solid finned-tubes. Thus
the Nu-numbers calculated with those equations are
lower than the calculated values of the investigated
U-shaped finned-tubes.
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Fig.7: Comparison of heat transfer at 8 consecutive
tube rows with literature, for Pr=0.71 and d=38 mm
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Fig.8: Comparison of heat transfer at 6 consecutive
tube rows with literature, for Pr=0.71 and d=38 mm
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Fig.9: Comparison of heat transfer at 4 consecutive
tube rows with literature, for Pr=0.71 and d=38 mm
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Both the VDI correlations and characteristics of
Nir show approximately the same gradient. The
equations of Weierman [17] have a measurement
uncertainty of about £10 % for serrated fin tubes in
a staggered equilateral layout. Thus, our results
agree well with the literature. The exponents for the
Nusselt correlations vary from about 0.5 to 0.6, as
seen in Fig. 9 and 10. This variation could be caused
by the pressure difference measurement uncertainty
of the mass flow of air at low Re numbers and the
temperature measurement uncertainty between inlet
and outlet of the water-side and/or gas-side. The
equations mentioned above are valid in general for
several consecutive tube rows in cross-flow. Since
two or even only one tube row occur sometimes in
heat recovery boilers, heat transfer equations for one
tube row are required. Figure 11 shows a
comparison with literature of the heat transfer at one
tube row. The heat transfer calculation at only one
finned-tube row, according to VDI WA [22], is
based on the calculation at a tube surrounded by the
flow. The flooding length at the smooth tube is used
in this case as the characteristic length. The
measured results show high uncertainty. But in the
measured Re-range, approximately the same
gradient of the exponent in the power law (18) can
be observed within the three equations.
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Fig.11: Comparison of heat transfer at one tube row
with literature, for Pr=0.71 and d=38 mm

The formulas for heat transfer at finned-tubes are
generally valid for a certain minimum number of
consecutive tube rows. This number varies
according to the authors from 4 to 12 tube rows at
staggered tube arrangement [3]. A reduction of heat
transfer at staggered tube arrangement is generally
assumed for smaller number of tube rows. This
reduction of the heat transfer coefficient for a small
tube row number in relation to the value a., (heat
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transfer coefficient for more than 8 tube rows) at
different constant Re-Numbers is shown; Fig. 12.
For the calculation of the reduction coefficient, the
same method is used as seen in [3]. Yet, there is no
agreement between individual authors on the tube
row number at which the heat transfer coefficient
remains constant.
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Fig.12: Reduction coefficient Kyg for 8, 6, 4, 2, and
1 tube rows at different Re-numbers

Depending on the longitudinal pitch t;, the heat
transfer coefficient differs for various tube bundles.
Thus, different values are obtained for a heat
exchanger with only one tube row by using the
reduction coefficients [3]. According to Weierman
[17], the reduction coefficient is stated in
dependence of t/t;. In Fig. 13, the mean average
reduction coefficient Kyg is compared with [17] and
[18]. As seen, there is a good congruence between
our measurements and literature.
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Fig.13: Mean average reduction coefficient Kyg for
8, 6, 4, 2, and 1 tube rows in staggered arrangement
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Finned-tube heat exchangers with few
consecutive tube rows in a gas flow require a
correction of the heat transfer coefficient. According
to [3], the Nusselt number for Nr consecutive tube
rows, with Ng less than 8, is calculated as

Nugn, = NugKyg - (19)

4 Conclusion

Heat transfer behaviour for different numbers of
consecutively arranged tubes at serrated finned-tube
bundles in cross-flow was investigated. All finned-
tubes are arranged in a staggered way at equal
transverse and longitudinal pitch. The test rig, the
measurement technique, the measurement un-
certainties, and the calculation with the law of error
propagation of Gauss were presented.

A small difference of the logarithmic mean
temperature difference compared with formulas for
counter-flow and counter cross-flow was detected.
In the actual study, the LMTD was calculated using
the equation for counter-flow heat exchangers.

Following an analysis and an evaluation of the
measured values, heat transfer correlations were
determined. The derived correlations for the Nusselt
number at different configurations were compared
with equations from literature. This comparison
revealed good congruence for high number of
consecutive tube rows.

Measurements of the heat transfer at only one
finned-tube row shows high uncertainty. But in the
measured Re-range, approximately the same
gradient of the exponent in the power law can be
observed.

For a smaller number of tube rows a reduction
coefficient was developed, which depends on the
Reynolds number. A comparison of the obtained
reduction coefficient displayed good agreement with
the formulas in the literature.

Further studies, especially comparisons between
measurement results at global performance and
numerical investigations of local heat transfer
behaviour in a single tube row (e.g. turbulences,
horseshoe vortices occuring in the fluid flow
between the serrated fin tips), will provide further
knowledge of fluid flow and local heat transfer
distribution and will give a more complete
understanding of performance behaviour.

5 Nomenclature
Asin Fin surface area of the bundle [m?]
Atbe Bare tube surface area of the [m?]
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finned-tube bundle

At Total outside surface area of [m?]
the finned-tube bundle

bs Segment width [m]

Cp Specific heat capacity [J/kgK]

da Bare tube diameter [m]

D Total outside diameter [m]

fa Geometry factor [-]

G(v)  Fitting function -

h(V) Side function -

h Average fin height [m]

hs Average segment height [m]

k Heat transfer coefficient [W/m2K]

Knr Mean average reduction [-]
coefficient

LMTD Logarithmic mean temperature  [K]
difference

m Mass flow [kals]

M 6 Measured values -

Nr Number of tubes in flow- [-]
direction

NR Number of fins per meter [m™]

p Pressure [N/mz]

0 Heat flow [W]

S Average fin thickness [m]

t Fin pitch [m]

t Longitudinal tube pitch [m]

t Transversal tube pitch [m]

T Temperature K]

Vis Corrected measurement value -

\V/ Volume-flow [m3/h]

z Number of consecutive [-]
arranged equal crossings

Nu Nusselt number [-]

Pr Prandtl number [-]

Re Reynolds number [-]

Greek Symbols

o Heat transfer coefficient [W/m2K]

11.6  Lagrange multiplicator -

n Fin efficiency [-1

Py Thermal conductivity [W/mK]

v Correction -

omi¢ CoO-variances [-1

® Correction factor [-1

Indices

0 Characteristic length at d,

1 Inlet

2 Outlet

a Outside

b Calculation condition

c Counter flow

Counter cross-flow
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g Gas

i Inside

C, m, n Function on geometric parameters and tube
bundle arrangement, fluid flow

r Fin

w Water

X Cross-flow
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